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ABSTRACT
This study focuses on experimental verification of the optimal performance design guideline in lubrication for the
thrust slide-bearings in scroll compressors. The auhtors’ previously derived theoretical analysis using the average
Reynolds equation and the solid contact theory, when applied to a cylindrical rigid thrust plate model with a small
fixed wedge angle at its pheriphery, predicted a dramatic decrease in the friction power loss with increasing outerto-inner radius ratio and determined a minimum value at a certain value of the radius ratio. For experimental
confirmation of this predicted optimal lubrication performance, a cylindrical-model of the thrust slide-bearing,
submerged in a refrigerant oil POE (polyol ester), was operated under a pressurized condition of 0.6 MPa using
R410A as the pressurizing gas, over a wide range of orbiting speeds from 1200 rpm to 6000 rpm for a fixed orbiting
radius of 3.0 mm. The resulting measured data agreed well with the predicted tendency that the lubrication of the
thrust slide-bearing is substantially improved by increasing the outer radius. As was theoretically predicted, the
minimum loss with a radius ratio of about 2.1 at an operating speed of 3600 rpm, a significant 80% reduction
relative to the usual conventional design ratio.

1. INTRODUCTION
Scroll compressors are widely used in room air-conditioners. In these compressors a thrust bearing is used to
maintain the stable orbiting motion of the orbiting thrust plate as it is firmly pressed against the fixed thrust plate.
There are several types of thrust bearings, including the slide bearing type, the ball bearing type, and so on. Among
these, the thrust slide-bearing is used most commonly becasue of its low mechanical friction losses and low noise
generation. In a thrust slide-bearing, the flat orbiting thrust plate is firmly pressed against the fixed thrust plate. The
thrust slide-bearing supports a large thrust force and does not require high pressure lubrication from a dedicated high
pressure oil pump. Despite the lack of a high pressure oil pump, the thrust slide-bearing generally does not exhibit
any significant lubrication problems that would result in seizure of the sliding surfaces. The thrust slide-bearing, in
fact, exhibits better performance than might be expected. The excellent lubrication performance was traced to the
formation of a fluid wedge between the friction surfaces, as experimentally found by Ishii et al. (2008a). The thrust
plate elastically deforms due to axial loadings caused by the pressure difference between the outer and inner regions
of the thrust slide-bearing, thus forming a fluid wedge between the sliding surfaces, as is illustrated in Figure 1.
A theoretical analysis for the excellent lubrication of the thrust slide-bearing was conducted by Oku et al. (2008),
where the thrust plate with elastic deformation is represented by a rigid, fixed thrust plate with an equivalent
1
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Figure 1 Elastic deformation of thrust
plate, forming a fluid wedge between
friction surfaces, due to pressure
difference between the outer and inner
regions.
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Figure 2 Mathematical model of a rigid thrust
slide-bearing for theoretical analysis of fluid
lubrication, after Oku et al. (2008).

geometrical wedge at its periphery, as shown in Figure 2. In this model, the second flat and rigid plate is forced to
perform the orbiting motion. The model replicated the hypothsized outstanding improvement in the oil film
lubrication performance. The validity of the fluid wedge mechnism was substantiated with detailed experiments.
Furthermore, the same theoretical development was extended to evaluate the role of lubrication in the optimal
performance design guidelines for the thrust slide-bearings in scroll compressors. The theoretical analysis by Ishii et
al. [2008] showed that the minimum friction power loss in a thrust slide-bearing occurs at a certain outer radius of
the friction surface. The outer radius of the friction surface was varied for a fixed inner radius, where the fluid
wedge angle between the sliding surfaces was assumed to be constant at a small value. The average Reynolds
equation by Patier & Cheng (1978, 1979) and the solid contact theory by Greenwood & Williamson (1966) were
applied to calculate the resultant lubrication performance and, finally, the friction power loss at the sliding surface.
The model showed that the friction power loss drastically decreases and then gradually increases, with an increasing
outer radius of the sliding surface. The minimum value of friction power loss was about 80% lower than that of the
conventionally designed thrust slide-bering.
The primary purpose of the present study is to provide further experimental verification of the theoretical prediction
for the outstanding optimal performance design guideline of thrust slide-bearing in scroll compressors. This study
presents an overview of the theoretical analysis and resulting friction power loss characteristics. Subsequently,
experimental confirmation of the predicted optimal lubrication performance is presented, where a thrust slidebearing cylindrical-model submerged in a refrigerant oil POE was operated under pressurized conditions using
R410A as the pressurizing gas. The pressure difference across the friction surface of the thrust bearing was fixed at
0.6 MPa, corresponding to the rated operation condition of a small cooling capacity scroll compressor. In the
experiments, a special device was fabricated to maintain a constant fluid wedge angle between the friction surfaces
due to the net pressure-induced elastic deformation of the thrust plate. The friction power loss at the friction surface
was measured over a wide range of orbiting speeds from 1200 rpm up to 6000 rpm for a fixed orbiting radius of 3.0
mm.

2. THEORETICAL RESULTS FOR OPTIMAL PERFORMANCE IN LUBRICATION
The oil-film pressure p(r,) generated in the oil film for the model of the rigid thrust slide-bearing, shown in Figure
2, can be numerically calculated from the average Reynolds equations by Patir and Cheng (1978, 1979) developed
for a rough surface slide-bearing with isothermal and incompressible fluid. Integrating p(r,) over the whole bearing
surface, the resultant oil film force can be calculated. In addition, the oil film viscous force on the bearing surface
with random roughness can be calculated. On the other hand, using the solid contact theory by Greenwood and
Williamson (1966), the local real contact area between the sliding surfaces can be calculated from the clearance
height distribution. As a result, the solid contact force and the solid shearing force can be calculated. The resultant
2
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frictional force is given by the sum of oil film shearing force and solid shearing force, while the resultant thrust force
is given by the sum of axial spring force and the nominal gas thrust force.
First, assuming an initial attitude of the cylindrical thrust plate for a given values of the mean clearance height h0
and the rotation angles x and y, the average Reynolds equations were solved numerically by the method of
Successive Over-Relaxation (SOR) to determine the oil film forces for given boundary conditions. Subsequently, the
solid contact theory was applied to determine the solid contact and friction forces. Then, the calculated results were
fed back to the equilibrium equations for the forces and moments on the cylindrical thrust plate to determine a more
correct attitude of the cylindrical thrust plate. This
Table 1 Major specifications for theoretical
calculation procedure was repeated several times until the
calculations
solution converged.
Calculations were conducted for a thrust slide-bearing model
with the major specifications presented in Table 1. The
wedge angle  on the friction surface of the rigid thrust plate
model is fixed at 4.8 mili-degrees, based on FEM analysis of
the elastic deformation of orbiting thrust plate with a radius
of 66 mm and a thickness of 10.4 mm, axially loaded by the
rated pressure difference p of 0.6 MPa. The surface
roughnesses on the fixed and orbiting plates are assumed to
have a Gaussian distribution and are characterized by a
factor  which was introduced by Oku et al. (2008), to
which the reader is referred for further details. The oil
viscosity is assumed to take on a value of 0.013 Pa·s for
the friction surface temperature Tf of 70°C, measured in
experiments. The orbiting speed N is varied from 300 rpm to
6000 rpm with an orbiting radius of 3.0 mm, resulting in a
bearing surface sliding speed V from 0.0942 to 2.26 m/s.
Numerical calculations by the method of SOR were
conducted with 180 lattice divisions in the tangential
direction and 30 in the radial direction.
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Figure 3 Calculated results of friction force Fss,
Fvs, Ff and average oil film thickness h0 vs.
radius ratio (for pressure difference p=0.6
MPa and orbiting speed N = 3600 rpm).
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Figure 4 Friction power loss ratio Wf /Wrated, relative
to rated condition (p = 0.6 MPa), with orbiting
speed as parameter

Representative calculated results for the friction forces and the average clearance height (oil film thickness) are
shown in Figure 3 for an orbiting speed N of 3600 rpm. The solid shearing force Fss, oil viscous shearing force Fvs
and resultant friction force Ff are shown by solid lines, while the mean clearance height h0 (mean oil film thickness)
is indicated by the dashed line. With increasing radius ratio , the oil film thickness h0 increases and consequently
3
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the solid shearing force Fs rapidly decreases, while the oil viscous force Fvs increases. Consequently, the resultant
friction force Ff rapidly decreases initially and then increases with increasing radius ratio , thus exhibiting a
minimum at a certain value of . The dominant friction power loss was calculated from the resultant friction force Ff,
and is shown in Figure 4, in which the ordinate is friction power loss normalized by the rated power loss Wrated for
the actual scroll compressor with = 1.4. The filled circle is the condition for which the friction loss is equal to the
rated loss. The minimum friction power loss is plotted as an open circle for each orbiting speed. At the rated
orbiting speed of N = 3600 rpm, the minimum friction power loss of slightly more than 0.20 occurs at a radius ratio
of = 2.08, corresponding to a drastic reduction of approximately 80% relative to that in the actual current scroll
compressor design.

3. EXPERIMENTAL LUBRICATION TESTS TO VERIFY THEORETICAL RESULTS
3.1 Set-up of Thrust Slide-Bearing Model and Test Conditions
In the experimental setup, as shown in Figure 5, the orbiting thrust plate slides over the fixed thrust plate, forming
the blue-shaded thrust slide-bearing area in Figure 5(a). The simplified model of the thrust slide-bearing, as
portrayed in Figure 5(b), was developed. The orbiting scroll thrust plate is replaced by a cylindrical thrust plate,
which is positioned on the upper side and fixed through a pivot bearing, while the fixed scroll thrust plate is replaced
by a rigid flat thrust plate, which is positioned on the lower side and driven by the motor in orbiting motion. The
material of the thrust plate is aluminum alloy for the fixed cylindrical thrust plate (upper side) and cast iron for the
orbiting thrust plate (lower side), as listed in Table 2. The surface roughness Ra is carefully adjusted to 0.5 m and
1.7 m, respectively, at the initial stage of testing. Photos of the friction surface side of the thrust plates are shown in
Figure 5(c).

The lubrication test conditions are listed in Table 3. The cylindrical thrust plate was fixed at the outer radius of 66
mm and the inner radius of 30 mm. The thickness was also fixed at 10.4 mm. In order to decrease the outer radius of
the friction surface, the lower and outer surfaces of the thrust plate were machined with the depth of 0.5 mm
maintaining a constn degree of elastic deformation of the thrust plate. As a result, the wedge angle between the
friction surfaces, , was kept at a constant value of 4.8 mili-degrees for all outer radii of the friction surface, ro. The
resultant axial loading was 3144 N, consisting of the gas force Fp of 2544 N caused by the pressure difference p of
0.6 MPa and the spring force Fs of 600 N. The outer radius ro was changed in 5 steps from 66 mm to 60, 54, 48 and
42 mm, corresponding to outer-to-inner radius ratios, of 2.2, 2.0, 1.8, 1.6 and 1.4, respectively.
4
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Table2
3 Major parameters for the lubrication tests.
Outer radius r o [mm]
42～66
Gas thrust force F p [N]
Inner radius r i [mm]
30
Spring thrust force F s [N]
Radius ratio 
1.4～2.2
Resultant thrust force F t (=F s +F p ) [N]
Outer pressure p out [MPa]
1.1
Orbiting speed N [rpm]
Inner pressure p in [MPa]
0.5
Orbiting radius r obt [mm]
0.6
Refrigerant oil
Pressure difference  p [MPa]
Refrigerant

2544
600
3144
1200～3600
3.0
RB68A
R410A

This thrust slide-bearing model is built into a specially-developed tribo-tester pressurized at 1.1 MPa with R410A,
as shown in Figure 6. The upper side view the fixed thrust plate is shown in Figure 7(a). Two capillary tubes are
attached through the fixed thrust plate into the inner region of the thrust slide-baering: one is for the pressure release
and other is for pressure measurement of the inner region. The positioning thrust shaft is fitted to the pivot bearing at
the center of the fixed thrust plate, which is supported with a ball slide bush bearing and instrumented with strain
gauges to measure the friction forces on the fixed thrust plate, as shown in Figure 7(b). The thrust load spring
presses down on the top of the positioning thrust shaft, which is instrumented with strain gauges to measure the axial
spring force, as shown in Figure 7(c). The fixed thrust plate is entirely submerged in the refrigerant oil RB68A. The
orbiting thrust plate was operated over a speed range from 1200 rpm to 6000 rpm.
Thrust load shaft
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Pressure difference
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Thrust load spring

Tank
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Presusre
vessel
Refrigerant
oil
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Oil vessel
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Shaft coupling
Driven shaft

Mechanical seal
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Figure 6. Cross-sectional view of tribo-tester.
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thrust shaft

(a) Fixed thrust plate.

Thrust spring
Thrust
spring

Positioning
thrustshaft
shaft
Positioning thrust

(b) Positioning thrust shaft.
(c) Thrust load spring.
Figure 7 Sequential build-up photos of test apparatus.

The pressure in the inner region of the thrust slide-bearing was decreased to 0.5 MPa, through the pressure
difference control valve. A representative example of the measured friction forces Ff on the fixed thrust plate with
the outer-to-inner radius ratio  of 2.2 is shown in Figure 8, for orbiting speeds of N = 1200, 2100, 4200 and 5400
5
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rpm. These measured data were analyzed with a frequency analyzer and the normalized values of amplitude of the
friction forces were measured from each spectral peak value. With increasing operating speed N, the amplitude
initially decreases from 47 N to 26, and then gradually increases to 35 N and further to 45 N. These friction force Ff,
data, labeled with the circled numbers 1 to 4, are plotted in Figure 9 with the orbiting speed N on the abscissa and
the radius ratio  as the parameter. Similar detailed measurements and data analyses were undertaken for operating
speeds N from 1200 rpm to 6000 rpm. All friction force Ff data are also plotted in Figure 9. The solid lines
represent the theoretical predictions. The measured friction force Ff data agree well with the theoretical results,
except for the data for radius ratio  =1.4. The friction area is the smallest for the radius ratio  =1.4, and thus the
experiments were very unstable, resulting in relatively large error in friction force measurement.
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Figure 10 Friction coefficient  of cylindrical
thrust slide-bearing model vs. orbiting speed N,
compared with theoretical predictions, for radius
ratios  =1.4, 1.6, 1.8, 2.0 and 2.2.

Figure 9 Measured friction forces Ff on fixed
thrust plate vs. orbiting speed N, compared with
theoretical predictions, for radius ratios  =1.4, 1.6,
1.8, 2.0 and 2.2.

The friction coefficient  can be calculated by the ratio of the friction force Ff to the resultant axial load Ft of 3144
N, and is plotted in Figure 10. The theoretical predictions, shown by the solid lines, portray a drastic decrease in
6
International Compressor Engineering Conference at Purdue, July 11-14, 2016

1497, Page 7
friction coefficient with increasing radius ratio, for example, a reduction by more than a factor of 10 (from about
0.07 to about 0.007) for the lowest orbiting speed. This theoretical prediction was confirmed by the measured data
which fall very close to the theoretical curves.
From data obtained in this study, optimal performance design guidelines can be formulated. The dominant friction
power loss was calculated from the measured resultant friction force Ff, and is plotted over the outer-to-inner radius
ratio , with the orbiting speed N as a parameter, in Figure 11. The theoretical predictions are shown by solid lines
with the calculate minimum plotted as open (while) circles for each orbiting speed. In this figure, the ordinate is
friction power loss normalized by the rated power loss Wrated for the actual scroll compressor with = 1.4 which, for
instance, takes on a value of 131 watts in the theoretical calculations for an orbiting speed of N = 3600 rpm. The
measured data for the friction power loss ratio are plotted as filled circles. Figure 11(a) is for N = 1200 to 2100 rpm,
Figure 11(b) for N = 2400 to 3300 rpm, Figure 11(c) for N = 3600 to 4500 rpm and Figure 11(d) for N = 4800 to
6000 rpm.
The plotted experimental data fall very close to the theoretical predictions, indicating a drastic reduction of friction
power loss with increasing outer-to-inner radius ratio , as theoretically predicted by Oku et al. (2008), is possible.
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Figure 11 Measured friction power loss ratio Wf /Wrated, compared with theoretical predictions: (a) N = 1200 to
2100 rpm; (b) N = 2400 to 3300 rpm; (c) N = 3600 to 4500 rpm; (d) N = 4800 to 6000 rpm.
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4. CONCLUSIONS
Fundamentally, the inner radius of the thrust slide-bearing is determined by the refrigeration power of the
compressor, for example, by executing optimal design analyses presented by Ishii et al. (2002). However, a
significant concern remaining for the engineer is the determination of the outer radius. There was no design criterion
to determine the outer radius of the thrust slide-bearing, until 2008. At that time our previous study (Oku et al.,
2008) was presented to provide a theoretical prediction of the optimal performance design method for the thrust
slide-bearing in scroll compressors to maximize efficiency. Our theoretical predictions suggested a drastic
improvement in lubrication performance of the thrust slide-bearing, by increasing outer radius of the thrust plate. It
seems that few designers have accepted these theoretical predictions. However, the present experimental study has
entirely confirmed the theoretical predictions.
Designers of scroll compressors are reluctant to adopt a larger outer radius for the thrust plate design. It is,
however, recommended without reservation for designers to specify an outer radius of the thrust plate so that the
outer-to-inner radius ratio takes on a value of at least 1.8. With this recommendation, the lubrication performance of
the thrust slide-bearing would be substantially improved. The friction power loss at the thrust slide-bearing can be
decreased by about 80%, compared with that for the conventional design with the outer-to-inner radius ratio of 1.4.
Scroll compressor designers should immediately check their design value of the outer-to-inner radius ratio of the
thrust slide bearing.

NOMENCLATURE
Ff
FOIL
Fp
Fs
Fsc
Fss
FT
Fvs
Lpiv
N
p
pout , pin
ro, ri

resultant frictional force
oil film force
nominal gas thrust force
axial spring force
solid contact force
solid shearing force
resultant thrust force
oil viscous force
pivot height
orbiting speed
oil film pressure
boundary pressure
plate radius

robt
orbiting radius
Tf
friction surface temperature
V
boundary velocity
Wf, Wrated friction loss energy

wedge angle

asperity summits radius
p
pressure difference

radius ratio of thrust bearing

surface density of asperities

frictional coefficient

oil viscosity
1 ,  2
standard deviations
of surface roughness

shearing strength

(N)
(N)
(N)
(N)
(N)
(N)
(N)
(N)
(mm)
(rpm)
(Pa)
(Pa)
(mm)

(mm)
(°C)
(m/s)
(W)
(rad)
(m)
(Pa)
(-)
(m-2)
(-)
(Pa s)
(m)
(Pa)
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